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Abstract: A numerical investigation into the fluid flow and heat transfer process in a 3D-printed
shell-and-tube heat exchanger was carried out. The shell side of the heat exchanger was inserted with
octahedral lattice frame porous material to enhance the heat transfer. In order to avoid establishing a
complex grid system, the porous material of the shell side was modeled by a porous media model.
The non-equilibrium model was adopted for the modeling of the heat exchange between the solid and
fluid in porous media. An experimental investigation was carried out to validate the feasibility of this
approach. The result indicates that the simplified approach is capable of providing an appropriate
prediction of the pressure drop and heat transfer efficiency with moderate computational resources.
The average error of pressure loss and heat transfer effectiveness is within 4% and 6.1%.

Keywords: heat exchanger; non-equilibrium model; porous media

1. Introduction

With the development of propulsion technology, the heat loads in aero-engines are
increasingly prominent and dealt with through thermal management. Williams et al. [1]
pointed out that the demand for a high-capability thermal management system is increasing,
while the weight and volume of such as system remains unchanged or even reduced. Heat
exchangers, which deal with heat transfer between hot and cold fluids, are crucial in thermal
management system design. New technology which brings compact, light, efficient heat
exchangers with low flow resistance has become key for the development of future thermal
management systems.

As an outstanding representative of the approaches to enhance heat transfer, porous
material filling, which has many advantages, such as being lightweight and having a
high compactness, has been widely applied in the designing of compact heat exchangers
and heat sinks [2–4]. Generally, porous materials used for heat transfer enhancement
such as metal foams, fibers or packed beds spheres are much more intricate compared to
traditional fins used for heat exchangers. It is difficult to grasp the microflow and heat
transfer characteristics, and the microscopic structure is uncontrollable in the course of
manufacture. When optimizing the structure of porous materials, the parameters that
can be changed are very limited, and most of them are macroscopic parameters such as
pore density and porosity. In recent years, the development of 3D printing technology has
brough a high degree of freedom to the manufacturing of porous materials [3,5].

Son et al. [5] proposed a multifunctional tetrahedral lattice frame porous material
for heat exchangers. Both experimental and numerical studies were carried out, which
indicated that this porous material can provide high porosity, high compactness, a low
pressure drop and high structural integrity. Krishnan et al. [6] proposed several complex
structured monolithic heat sinks. Numerical simulations and experiments were undertaken
to obtain the fluid flow and heat transfer parameters. The fabrication of these heat sinks
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was achieved by 3D printing and investment casting. Ren et al. [7] proposed shell-and-
tube heat exchangers for aero-engine thermal management systems which are filled with
octahedral lattice frame porous material. A study on flow and heat transfer was carried
out both numerically and experimentally, and the results show that the porous structure
can improve the heat transfer efficiency of the heat exchanger but will also increase the
flow resistance.

Numerical simulations are an important means of heat exchanger research, and can
provide results with moderate accuracy if the computational model adopted is reasonable.
Normally, it needs huge computational resources to carry out a numerical simulation of the
whole heat exchanger. For example, 150 million grid cells are needed for the simulation
of flow in a shell-and-tube heat exchanger composed of 500 tubes and 10 baffles [8]. For
those heat exchangers filled with porous media, the complexity of the internal structure is
much higher than that of conventional heat exchangers. In order to make the calculation of
flow and heat transfer more accurate, the tiny gap in porous media requires grids to be of
high resolution, which leads to the size of the grid system exceeding the computational
capability of most computers and workstations.

One solution to relieve the unacceptable computational burden is the use of periodic
and symmetry boundaries to simplify the computational model of the heat exchangers.
Boomsma et al. [9] established a 4.6 mm× 4.6 mm× 4.6 mm cell with an ideal periodic unit
which represents the structure of open-cell metal foam. Numerical simulations were carried
out by using a grid system with 169,266 vertices, and the predicted pressure drop is 25%
lower than the experimental data. Heltzel [10] carried out numerical simulation research on
a counterflow heat exchanger filled with porous material. The heat exchanger was simpli-
fied into a small periodic portion containing two channels with 1 mm × 1 mm × 4.5 mm
porous media filled in. A grid system with more than 2,000,000 nodes was created in
order to achieve an independent solution. Dong and Xie [11] numerically studied the mass
dispersion process of methane and air in porous media; the porous media were simplified
as a three-dimensional array of cylindrical rods with a staggered arrangement. The results
showed good agreement with the experimental data. It should be notice that simplification
approaches which involve using a cell unit to represents the whole heat exchanger are only
applicable when heat exchangers have a symmetrical or periodic structure.

Another method is to model porous medium as a region with pre-defined flow re-
sistance and heat transfer characteristics, which avoids the establishment of grids for the
complex structure in the heat exchanger, thus reducing the number of grids required for
modeling [12]. This approach is widely used in the numerical simulation of heat exchang-
ers. Prithiviraj and Andrews [8,13] performed a numerical simulation of a shell-and-tube
heat exchanger. The pressure drop caused by fluid flowing through the heat exchanger
was predicted by the distributed resistance method, and the heat transfer coefficient was
derived from the empirical heat transfer correlation to predict the heat transfer between
the shell-and-tube side in the heat exchanger. Missirlis et al. [14] carried out a numerical
simulation of an recuperative heat exchanger for an aero-engine. The pressure loss calcu-
lated by the porous medium model was in good agreement with the experimental results.
Yakinthos et al. [15] developed a porous medium model for a recuperator which took the
influence of the inclination angle, attack angle and heat transfer on the pressure drop law
into consideration. Miranda and Anand [16] numerically investigated the convective heat
transfer in a channel with porous baffles. The extended Darcy–Forchheimer model was
used to model the flow resistance through the porous baffles.

Using the porous media heat transfer model, the energy equation can be modeled
by the local thermal equilibrium (LTE) model or local thermal non-equilibrium (LTNE)
model [17]. Lin et al. [18] studied the influence of different heat transfer models on heat
transfer prediction for the aluminum foam. They pointed out that the influence of non-
equilibrium models is more accurate than that of equilibrium models, and when the flow
velocity is higher or the height of the aluminum foam is higher, both models can obtain
accurate results. Wang and Guo [19] proposed a new method to calculate the volume
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heat transfer coefficient based on the assumption that the porous media structure is a
cubic skeleton. By taking the effect of heat conduction into consideration, this method can
predict the heat transfer process more accurately than conventional approaches. Alazmi
and Vafai [20] studied the influence of eight different boundary conditions on the heat
transfer in non-equilibrium model, and pointed out that different boundary treatments
have a great influence on the calculation results. Ouyang et al. [21] proposed a thermal
boundary condition model for the local thermal non-equilibrium model for convection
heat transfer in porous media. In order to solve the complex coupling relationship at the
interface between the fluid, solid and porous media, the wall was artificially split into two
phases with different temperatures. These two phases were coupled with a fluid and solid
in porous media, respectively. Trilok et al. [22] numerically investigated the heat transfer
of metal foams of orderly varied pore density and porosity was analyzed under various
convection regimes, LTNE was selected for heat modeling and the Darcy–Forchheimer law
was selected for flow modeling. Jadhav et al. [23] conducted a multiobjective optimization
of pipes partially filled with metal foam using a numerical approach. LTNE is utilized for
heat transfer modeling.

In this paper, a simplified numerical method is proposed for the modeling of the flow
and heat transfer characteristics of a heat exchanger filled with octahedral lattice frame
porous material. Specifically, the flow resistance model of the shell side is established
by treating porous media as a clear zone with predefined flow loss characteristics; the
heat transfer between porous media, the wall and the fluid is established based on the
non-equilibrium model. The parameters of the porous media model for flow loss and heat
transfer are obtained by performing a numerical simulation on the unit cell. An experimen-
tal investigation is also presented to verify the feasibility of the simplified method.

2. Materials and Methods
2.1. Experimental Setup

As shown in Figure 1, the experimental system consists of 4 main components: hot air
supply passage, water supply passage, heat exchanger test section and measuring devices.
The air is supplied by a screw air compressor and the water is pumped from a water tank by
a submersible motor pump. The air is then heated by an electric heater which is powered
by a regulative DC power supply and then enters the test section.
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Figure 1. Schematic of experimental system.

The tested heat exchanger is a shell-and-tube heat exchanger which consists of core
body, water main tubes, water collector, air main tubes and air collector, as shown in
Figure 2a,b. The water collector is a semicircular chamber with a diameter of 20 mm. The
water enters the chamber from water main tubes with 10 mm diameter and then distributed
to 14 tubes in the core body. The air collector is a chamfered rectangular chamber, where
the air enters from 3 tubes, with diameters of 15 mm, and then enters the shell side of the
heat exchanger.
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height. Figure 2c,d present the geometry of the heat exchanger’s core body. The outer 
diameter of the tubes in the heat exchanger is 6 mm and the wall thickness is 1 mm. The
tube bundles are arranged in an aligned arrangement, the transverse spacing ST is 12 
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Figure 2. A 3D-printed shell-and-tube heat exchanger: (a) photograph of the heat exchanger;
(b) schematic of heat exchanger geometry; (c) tube bundle arrangement; (d) schematic of heat ex-
changer core; (e) geometry of octahedral lattice frame porous material.

The core body consists of the tubes and the shell side filled with octahedral lattice
frame porous material, which is manufactured by 3D-printing technology. The material
is aluminum alloy (AlSi10Mg). It is 110 mm in length, 100 mm in width, and 20 mm in
height. Figure 2c,d present the geometry of the heat exchanger’s core body. The outer
diameter of the tubes in the heat exchanger is 6 mm and the wall thickness is 1 mm. The
tube bundles are arranged in an aligned arrangement, the transverse spacing ST is 12 mm
and longitudinal spacing SL of the tube bundle is 24 mm. The porous media are composed
of periodically repeated octahedron structure whose edges are all metal pillars of the same
length, 6 mm. The diameter of the pillars is 1.2 mm, and the porosity is 0.82, as shown in
Figure 2e.

Two sets of experimental tests were carried out, one for heat transfer performance
and another for the pressure loss characteristics of the shell side. Tests for pressure loss
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characteristic were performed under cold conditions. The mass flow rate of the shell side
was adjusted within the range 0.005 to 0.0116 kg/s. The flow loss of the heat exchanger is
characterized by pressure drop between the inlet and the outlet.

∆P = Ps,in − Ps,out (1)

where the subscripts s and t represent shell-side and tube-side flow, respectively. Pres-
sure drop was measured by a differential pressure gauge and the impulse pipe is located
upstream and downstream of the main air tubes. An investigation of heat transfer perfor-
mance was carried out to determine the heat transfer effectiveness under different tube
side mass flow rates. The mass flow rate of the shell side was fixed at 0.00833 kg/s and the
temperature was 323 K. The mass flow rate of the water varied from 0.00556 to 0.01667 kg/s
and the temperature was fixed at 289 K. The heat transfer effectiveness is defined as:

η =
Ts,in − Ts,out

Ts,in − Tt,in
(2)

The temperatures were measured by PT100 temperature sensors located at inlet and
outlet of the heat exchanger. In order to reduce the heat loss, the test section was wrapped
with thermal insulation material.

Within the current test range mentioned above, the differential pressure gauge had
an accuracy of approximately 99.5%. The measured error of the flow meter for water was
below ±1.5%, and the measured error of the flow meter for air was below ±2%. For the
temperature measurement, the error was estimated to be within 0.5 K.

The error between the experiment and numerical simulation can be expressed as:

Errη =

∣∣∣∣ηexp − ηnum

ηexp

∣∣∣∣× 100% (3)

Err∆P =

∣∣∣∣∆Pexp − ∆Pnum

∆Pexp

∣∣∣∣× 100% (4)

2.2. Computational Modeling
2.2.1. Grid Generation and Boundary Conditions

According to the physical model in the previous part of this paper, the grid system used
for the simplified method is presented in Figure 3. The shell side filled with lattice frame
material was treated as a porous media region with pre-defined flow resistance and heat
source, which avoids the establishment of grids for the complex structure. Unconstructed
grids were constructed for the current study. The grids near the wall were refined and
5 inflation layers were used. From the grid sensitivity test, a grid system with about
1,100,000 cells was selected. The value of the y+ is less than 2.

The boundary conditions for the inlets and outlets of both the shell and tube sides
were set to be consistent with the experimental test, as shown in Table 1. Air was treated
as an incompressible ideal gas, where the density, viscosity and thermal conductivity are
only affected by temperature, since the temperature rise of water was not significant. The
properties of water were constant. The thermal conductivity of the tube wall was set at
100 W/(m·K).



Aerospace 2022, 9, 238 6 of 16Aerospace 2022, 9, x 6 of 17 
 

 

 
Figure 3. Schematic of the grid system. 

The boundary conditions for the inlets and outlets of both the shell and tube sides were 
set to be consistent with the experimental test, as shown in Table 1. Air was treated as an in-
compressible ideal gas, where the density, viscosity and thermal conductivity are only af-
fected by temperature, since the temperature rise of water was not significant. The properties 
of water were constant. The thermal conductivity of the tube wall was set at 100 W/(m·K). 

Table 1. Boundary conditions for CFD simulations. 

 
Boundary Condition 

Type 
Value 

Shell side walls Adiabatic wall none 
Main tubes walls 

Tube walls Coupled wall none 
Water inlet Mass flow inlet 289 K, 0.00556 to 0.01667 kg/s 

Air inlet Mass flow inlet 
323 K, 0.00833 kg/s (hot condition) 

293 K, 0.005 to 0.0116 kg/s (cold condition) 
Water outlet Pressure outlet 101,325 Pa 

Air outlet Pressure outlet 101,325 Pa 

2.2.2. Flow and Heat Transfer Modeling 
Considering flow modeling, the flow resistance can be modeled by adding a mo-

mentum source term into the flow equation for the porous media zone: 

1 2
1
2i i iS C u C uµ ρ = − + 

 
u

 
(5) 

where u is the velocity of the fluid, ui is the component velocity in each direction, μ is the 
viscosity of the fluid, and ρ is the density of the fluid. C1 and C2 are the viscous and iner-
tial coefficients, which are determined by the specific structure of the porous media. 

The SST k-ω turbulence model was chosen to model turbulence. The transport 
equations for k and ω are given by the following [24]: 

ρβω
σ
µµρ

−+








∂
∂









+

∂
∂

=
∂

∂
k

ik

t

ii

i P
x
k

xx
ku )(  (6) 

Figure 3. Schematic of the grid system.

Table 1. Boundary conditions for CFD simulations.

Boundary Condition Type Value

Shell side walls
Adiabatic wall none

Main tubes walls
Tube walls Coupled wall none
Water inlet Mass flow inlet 289 K, 0.00556 to 0.01667 kg/s

Air inlet Mass flow inlet 323 K, 0.00833 kg/s (hot condition)
293 K, 0.005 to 0.0116 kg/s (cold condition)

Water outlet Pressure outlet 101,325 Pa
Air outlet Pressure outlet 101,325 Pa

2.2.2. Flow and Heat Transfer Modeling

Considering flow modeling, the flow resistance can be modeled by adding a momen-
tum source term into the flow equation for the porous media zone:

Si = −
(

C1µui +
1
2

C2ρ|u|ui

)
(5)

where u is the velocity of the fluid, ui is the component velocity in each direction, µ is the
viscosity of the fluid, and ρ is the density of the fluid. C1 and C2 are the viscous and inertial
coefficients, which are determined by the specific structure of the porous media.

The SST k-ω turbulence model was chosen to model turbulence. The transport equa-
tions for k and ω are given by the following [24]:

∂(ρkui)

∂xi
=

∂

∂xi

[(
µ +

µt

σk

)
∂k
∂xi

]
+ Pk − ρβω (6)

∂(ρωui)

∂xi
=

∂

∂xi

[(
µ +

µt

σω

)
∂ω

∂xi

]
+ α2

ω

k
PK − ρβω2 + 2ρ(1− F1)

1
ωσω2

∂k
∂xi

∂ω

∂xi
(7)

The constants involved in this turbulence model were set as: β1 = 0.075, β2 = 0.0828,
α1 = 5/9, α2 = 0.44, σω1 = 2, σω2 = 1/0.856, and σk1 = 2, σk2 = 1.

For heat transfer modeling, the non-equilibrium model is adopted, where the porous
medium and fluid flow are not in thermal equilibrium. The treatment porous medium and
fluid flow temperature is the same as that proposed by Ouyang [21], where the porous
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media zone consists of two zones (one for fluid and one for solid), which coincide with
each other. These two zones interact only by heat transfer. For the solid wall zone, it is
assumed that pillars of the lattice frame material are inserted into the wall, so the wall
zone also contains by solid with a proportion of ε and porous material with a proportion of
(1 − ε), as shown in Figure 4. That is to say, the solid wall zone also consists of two zones
which interact by heat transfer.
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For the porous media zone, the energy equation of porous media can be expressed
as follows:

∇
(
λp∇Tp

)
+ S = 0 (8)

The energy equation of the fluid can be expressed as:

(ρ f C f u)∇Tf = ∇(λ f∇Tf )− S (9)

where the source term S represents heat transfer between porous media and fluid, which
can be expressed as:

S = hpα
(

Tp − Tf

)
(10)

where λf is the thermal conductivity of the fluid and λp is the thermal conductivity of the
porous media. TP is the temperature of porous media, Tf is the temperature of fluid, and
Cf is the specific heat capacity of fluid. hp is the heat transfer coefficient, which can be
obtained from the Nusselt number calculated from the local physical property and velocity.
α is the heat transfer area per unit volume, which is determined by the structure of the
porous media.

For the solid wall zone, in addition to the heat conduction of the pillars and the solid
itself, there is also heat conduction between the pillar and the wall due to the temperature
difference. Therefore, the energy equation can be expressed as:

(1− ε)∇
(
λs∇Tp

)
=

λsα

δ

(
Tp − Ts

)
(11)

ε∇(λs∇Ts) +
λsα

δ

(
Tp − Ts

)
= 0 (12)

where λs is the thermal conductivity of the solid. It should be noted that the thermal con-
ductivity of the pillar inside the wall porous region is one-dimensional and perpendicular
to the tube wall, and its thermal conductivity can be expressed as (1 − ε) λs. Ts is the
temperature of the solid, and δ is the thickness of the heat conduction between the porous
media and the pillar in the pipe wall, which is the radius of the pillar.

There is a coupling surface between the solid wall zone and porous media zone, on
which two sets of energy exchange relations exist, namely, the convection heat transfer
between the fluid and the wall and the heat conduction between the porous media in the
wall and the porous media in the fluid:

λs
∂Ts

∂n
= λ f

∂Tf

∂n
(13)
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(1− ε)λs
∂Tp

∂n
= λpn

∂Tp

∂n
(14)

The computation was conducted using the commercial software ANSYS Fluent, with
an integration of the user-defined function (UDF) for the calculation of the heat transfer in
porous media zone. The SIMPLEC solver was used for the pressure–velocity coupling. The
second-order upwind discretization was adopted to discretize the momentum, energy and
turbulence transport equations. The energy and UDS residuals were set to 10−6, and the
other residuals were set to 10−5 as the convergence criteria.

2.2.3. Parameters Needed for Porous Media Modeling

As mentioned above, for the modeling of the porous media, parameters such as the
heat transfer coefficient, thermal conductivity and the values of C1 and C2 are still needed.
Compared with conventional porous media such as metal foam, there are two main differ-
ences. First of all, the structure of foam metal is disordered and its parameters are normally
obtained by experiment, while the octahedral lattice has a periodical repeated structure.
Therefore, when constructing a flow and heat transfer model, the required parameters can
be obtained through numerical simulation by the establishment of a unit body and the use
of periodic conditions, as shown in Figure 5. In addition, most porous media such as metal
foam can be treated as isotropic. When it comes to octahedral structures, although they are
symmetrical in the x and y directions, their characteristics in the z direction are different,
which should be considered in the modeling. A numerical simulation was carried out
for the smallest cell unit of the octahedral lattice frame material. The grid system used is
shown in Figure 5. Unconstructed grids were adopted for the current study. The grids near
the wall were refined and 5 inflation layers were used. The value of the y+ is less than 2.
From the grid sensitivity test, a grid system with about 680,000 cells was selected.
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The two planes in the vertical x direction were set as the periodic boundary at the
specified mass-flow rate, and the corresponding inlet velocity was from 6 to 20 m/s, and
the inlet temperature was fixed at 300 K. The wall was set as a constant wall temperature
boundary, the temperature TW = 350 K, the inlet and outlet were selected as the periodic
boundary conditions, and the other surfaces were set as the symmetry boundary conditions.
The Reynolds number of the incoming flow can be calculated by the following formula:

Re =
ρud

µ
(15)

where u is the inlet velocity and d is the diameter of the octahedral pillar. By monitoring
the wall heat flux qW, the Nusselt numbers corresponding to different Reynolds numbers
are calculated as:

Nu =
hpd
λ f

(16)
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where hp is the average convective heat transfer coefficient of porous media obtained by
numerical simulation:

hp =
qw

Tw − Ti
(17)

The relationship between the Nusselt number and Reynolds number is obtained by a
curve fitting procedure:

Nu = 0.2336Re0.8602 (18)

Similarly, by calculating the pressure loss per unit length corresponding to different
inflow velocities, C1 and C2 are also obtained:

C1 = 8.833e4

C2 = 129.2
(19)

A numerical simulation was also carried out to confirm the thermal conductivity of
porous media, as shown in Figure 6. Face 1 and face 2 are perpendicular to the x direction,
and face 3 and face 4 are perpendicular to the z direction.
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When calculating the thermal conductivity in the x direction, face 1 was set as the
constant heat flux wall boundary condition with the heat flux equals to 5000 W/m2; face 2
was set as the constant temperature wall boundary condition. The temperature was set
as T2 = 350 K, and the other faces were set as symmetrical boundaries. Additionally, the
thermal conductivity of the porous media is λpx:

λpx

δ
(T1 − T2) = q

a1

Ax
(20)

where a1 is the area of face 1 and Ax is the area in x direction corresponding to the cuboid
wrapping of the structure, as shown in Figure 6.

Since the structure of the octahedron is consistent in the x and y directions, the thermal
conductivity in the y direction is the same as that of the x direction.

When calculating the thermal conductivity in the z direction, face 3 is set as the
constant heat flux wall, the heat flux density is q = 5000 W/m2, face 4 is set as the constant
wall temperature boundary condition, the temperature T4 is set as 350 K, and the other
faces are set as the symmetry boundary conditions. The thermal conductivity of the porous
media is λpz:

λpz

δ
(T3 − T4) = q

a3

Az
(21)

where a3 is the area of face 3 and Az is the area perpendicular to the z direction correspond-
ing to the cuboid wrapping of the structure, as shown in Figure 6.
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3. Validation of the Method

Figure 7 shows a comparison between the calculation and experimental results of the
pressure drop under different shell-side mass flow rates ms. From the figure, we can see
that the shell-side flow loss increases with ms in a quadratic mode, which can be correctly
reflected by the numerical simulation. Compared with the experimental data, the average
error of flow loss is as high as 4%. The CFD simulations consistently underpredict the
pressure drop. This may be because in the actual heat exchanger, when the fluid enters the
core from the air-collecting chamber, the flow velocity increases due to the sudden flow
area reduction caused by the porous material, which will cause excess flow loss. Similarly,
when the fluid flows out of the core, the flow area increase will also cause flow loss. In
the porous media model, the porous material is treated as a clear zone, so the flow loss is
underestimated.
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Figure 8 presents the tested and calculated heat transfer effectiveness verses tube side
mass flow rate. The graph shows that the heat transfer effectiveness of the heat exchanger
rises with the increase in the mass-flux ratio. As the tube side mass flow rate mt grows
from 0.00566 kg/s, the heat transfer effectiveness increases rapidly. When mt reaches up to
0.0111 kg/s, the trend of increase tends to be flatter gradually. The numerical simulation
results are slightly lower than the measured value in the experiment, where the average
deviation is within 6.1%. This may be because the establishment of heat transfer parameters
of porous media is based on a periodic cell unit, which is based on the assumption that the
flow is fully developed. However, in fact, the flow in the heat exchanger is more complex,
and the model ignores the enhancement of heat exchange by the inlet effect.
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4. Discussion

The velocity distribution in the heat exchanger is shown in Figures 9–11. For the shell
side, the mal-distribution for the air flow occurs only in the first and last rows of the tube
bundle. The air enters a rectangular space of the heat exchanger through a circular inlet with
non-uniform velocity caused by the elbow of the tubes. As the air flows downstream, the
tube bundle regulates the flow field like a distributer, which makes the velocity distribution
uniform. When the air flows out of the rectangular cavity, the flow converges to the circular
outlet again, which affects the flow distribution of the last row. For the tube side, the
mal-distribution is more severe. The water flow is mainly concentrated in tubes facing the
inlet. As is shown in Figure 12, the velocity distribution on the tube side follows the same
pattern under different mass flow rates. The velocity in the other tubes is almost the same
except for tubes 6 to 9 and the velocity in tubes 7 and 8 is almost two times higher than that
in other tubes.
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When it comes to heat transfer, the temperature distribution of the shell side is also
non-uniform. As shown in Figures 13 and 14, the temperature of the air and solid near the
tube side inlet is significantly lower than that near the tube side outlet. With the increase
in the tube-side mass flow rate mt, the heat transfer between the tube and shell side is
enhanced significantly. This phenomenon occurs due to two reasons: On the one hand, the
increase in the flow rate makes the internal flow more difficult to heat. The decrease in the
internal flow temperature leads to the increase in the temperature difference between the
internal and external flows, which leads to the increase in the total heat transfer rate, as
shown in Figures 15 and 16. On the other hand, the increase in the heat transfer coefficient
in the tube leads to the decrease in tube-side thermal resistance, which increases the total
heat transfer coefficient, as shown in Figure 17; although the Nusselt number of shell side
is almost constant, the Nusselt number of the tube side increases sharply with the increase
in the Reynolds number. Figures 18 and 19 shows the temperature distribution of the tube
wall and porous material of the heat exchanger at different mt. It can be seen from the
figure that the increase in the tube-side mass flow rate reduces the temperature of porous
material and tube wall, thus enhancing heat exchange between the shell side and tube
side. This effect becomes less obvious with the further increase in flow, as the temperature
distribution is similar for Figure 18 b,c. It can also be seen that the non-uniformity of the
temperature distribution is also alleviated with the increase in mt, as shown in Figure 20.
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5. Conclusions

In this paper, a numerical investigation of a 3D-printed shell-and-tube heat exchanger
was conducted with the adoption of a simplified numerical method. An experimental
investigation was carried out to verify the feasibility of the simplified method. The results
show that the simplified method proposed in this paper can accurately predict the heat
transfer process and flow loss characteristics in the heat exchanger with moderate calcula-
tion resource consumption. Compared with the experimental results, the average error of
pressure loss and heat transfer effectiveness is within 4% and 6.1%, separately. The pressure
loss rises with the increase in the tube-side mass flow rate in a quadratic mode. With the
increase in the shell-side mass flow rate mt, the heat transfer effectiveness keeps increasing
and tends to be stable when mt reaches 0.011 kg/s.
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